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Abstract

Turbocharging an engine boosts its power by increasing the amount of input air. This task is accomplished by using
the exhaust gas to power a turbine which is engaged with a compressor. The Variable Geometry Turbocharger, VGT is
a unique turbocharger that the diffuser vane angle can be changed over a wide range of positions. The mathematics of
turbomachinery flow analysis is intensive and uses iterative methods. Most of the flow analyses in the area of
turbochargers are either experimental or numerical. Three-dimensional Computational Fluid Dynamics (CFD), two-
dimensional multiple streamline and one dimensional mean line is the three primary numerically available methods.
In this paper a mean line method has been used for predicting the performance of a centrifugal compressor with
variable diffuser vane angle position at subcritical Mach numbers. The calculation is based on common
thermodynamic and aerodynamic principles, and empirical correlations for losses in a mean line analyses. The model
calculates the velocities, pressures, temperatures, pressure losses, work consumption, and efficiencies for a specified
set of turbocharger geometry, atmospheric conditions, rotational speed, and fluid mass flow rate. The obtained
numerical results are validated with the in house measured experimental data and good agreement observed. The
purpose for compressor model analysis is to generate overall characteristic map and identify the impact of the diffuser
vane angles on the performance. The overall characteristic map is generated by this method demonstrate very good
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agreement and the effect of variable vane angle in pressure ratio and operating range observed.

Keywords: mean line method, turbocharger, centrifugal compressor, performance

1. INTRODUCTION

The detail analysis of fluid flow within a
centrifugal compressor is very complicated and
generally is not an easy task. The CFD method needs
a solid model of the interested domain along with
discredited governing equations and boundary
conditions. This method is costly and time- consuming
and highly depends on the accuracy of the method and
the experience of the user. Despite the CFD, the Mean
Line Method is based on the basic principle physics
equations along with some empirical correlations to
incorporate the flow losses. The accuracy of the
selected method directly depends on the validity of the
empirical models. As a result, using one-dimensional
analysis that has a good accuracy for estimating the
performance characteristics of a centrifugal
compressor is privileged.

There have been variety approaches to one-
dimensional performance prediction methods. For
example, one can be categorized as scaling methods,

where the fundamental physical laws are largely
ignored [1, 2]. This technique mostly depends on the
available data. Other methods have tried to define as
many different sections as possible through the
compressor stage and to be able to incorporate a great
variety of geometrical features. Probably, the most
recent application of this approach was introduced by
Herbert [3]. Moreover, a great deal of effort has been
expended increasing the physical definition of the
flow. An example of this approach is the jet and wake
definition of the fluid flow at the impeller outlet region
[4].

During the past several decades, the empirical loss
correlation method has been persistently developed,
which is well documented in open literatures such as
those by Whitfield and Baines [5] ,Yahya [6], Aungier
[7], and Denton [8] ,among many others. The accuracy
of this approach depends on the empirical correlations
that are used. H.W. Oh et al [9] studied the accuracy of
loss correlation that presented in open literatures.
According to their results, loss correlation of Aungier
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[7] has a better accuracy compared to other methods.
In this paper a mean line method has been used for
predicting the performance of a centrifugal
compressor at subcritical Mach numbers. The
calculation is based on common thermodynamic and
aerodynamic principles, and empirical correlations for
losses in a mean line analyses.

2. PERFORMANCE EVALUATION OF A
CENTRIFUGAL COMPRESSOR

Analysis is performed at only one radial station at
the root mean square radius (r.m.s) is performed.
Values of quantities at these radii are taken to
characterize the whole stage annulus and such
methods are commonly known as one-dimensional or
mean line analysis. The r.m.s radius divides the
annulus into two equal annular areas and is the mass
averaged mean radius for a uniform flow. This radius
is also quite independent of the axial velocity profile
for stages with gradients of axial velocity with radius.
It is defined as [7]

2 2
¢ + Ty
s (M

3. LOSS PARAMETER

The dimensionless loss parameters U of the
components are computed as functions of the
geometry, velocity, temperature, and pressure. The
calculation of loss parameters for each component
such as impeller, vaneless diffuser, vaned diffuser and
volute are described in the following sections
individually.

3.1. Impeller

The dimensionless losses of the impeller are
developed in the rotating frame of reference and are
converted into a total relative pressure loss described
by Aungier [7]

3.2. Incidence Loss

Incidence is an important parameter in design of
impeller, thus, numerous experiments have been
conducted to ascertain an optimum incidence. The
incidence loss equation is according to Aungier [7]

Cn1 ]2 + ty1Z ]2
W; sin(B;) 211y, sin(By) (2)

Wine = 0.8 [1 -
3.3. Diffusion loss

The diffusion loss has the constraint of being a non-
negative value. This can be expressed as [7]

Wirn]? N
opie = 0.8 [1 - W—l] — Oinc; (@pigr 2 00 (3)
3.4. Choke Loss

The choke loss requires the calculation of a
contraction ratio (Cr) and a constraint condition. The
constraint condition must be greater than zero;
otherwise the choke loss is zero. The choke loss,
contraction ratio, and constraint condition are given as

(7]

ocy = 0.5 % (0.05X + X7) 4)
10 C,Aqy,
X=11- T (5)
Ay sinf,
C,= [—
A (6)

3.4. Skin Friction Loss

The skin friction loss incorporates the losses
created by the resistance of air over the surface area,
thus skin friction depends on a Reynolds number,
hydraulic diameter DH, and friction coefficient cf. The
friction coefficient developed by Aungier [7] has
constraint conditions that

Determines if the flow is laminar or turbulent and
for each of them the friction coefficient is calculated
separately:

— w 2 Lp
Osp = 4‘Cf(W1) Dy (7)
- W, % + W, %)
2 _
W= 8)

3.5. Clearance gap loss

The clearance gap loss is a function of the clearance
gap leakage flow rate .. Moreover the clearance
gap leakage flow rate is a function of the velocity of
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the leakage flow U, . The velocity of the leakage
flow is a function of the pressure difference across the Pv =Pt~ Ps (19)
gap Apcy, . The clearance gap loss and its conditions
are described mathematically as [7]. A, sin(Bz)
_ 21 Ap R™ Ay Sin(BlTh) (20)
O = ToSWE ©)
mp1 1 .
The expansion loss, also known as the blockage
) loss equation, is described mathematically as
me = pZZSLUCL (10)

24P,
Uc, = 0.816 |—— (11)
P2

m(r,Cyp_r1Cyy)

Apep = 2
PeL ZrbL (12)

3.6. Blade Loading Loss

The blade work coefficient Iy is a function of the
impeller exit flow coefficient @,, the slip factor o,
and tip distortion factor A. The blade work coefficient
and exit flow coefficient are given as [7]

U,C
Iy = o(1 =10, cot(B,)) -~z (13)
2
@, = m
27 p,ALL, (14)

Blade loading loss is expressed as

(Aw/wy)?
®pL = Y (15)
_ 27TD2UZIB

3.7. Expansion Loss

The tip distortion factor A is a function of the tip
blockage equation. The tip block equation uses
velocity pressure p, and a passage area ratio Ag. The
tip distortion, blockage equation, velocity pressure
and passage area ratio are given as [7]

1
=178, (17)

pvi [WiDy [ b% A%zpzbz S
B, = ogg— +103+— +—
?  pvz \ W2b, L&| p,Lg  2b, (18)

_ [(v - 1)Cm2]2
Oy = " (21)

W,
3.8. Hub-to-Shroud Loss
The hub-to-shroud loss is a function of the passage

curvature k,, and an average of the relative velocities
and is described mathematically as [7]

knbW/W.
oys = % (22)
_ Oy — O
K, = c2 . c1 23)
W= W, + W,
- 2 (24)

3.9. Wake-Mixing Loss

The wake-mixing loss requires that a constraint
condition be applied to the relative separation velocity
that is calculated using the equivalent diffusion ratio
D, The equivalent diffusion factor equation is [7]

D. = Wmax
eq — A (25)
W, +W, AW
Winax = ———"— (26)

The constraint condition applied to the relative
separation  velocity requirement is described
mathematically as [7]

Wsep = W, (Deg < 2) 27

Wo

Deq (Deq > 2) (28)

Wsgp = >

The wake-mixing loss is defined as [7]
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2

© _ [Cm,wake - Cm,mix] 29
MIX —W1 (29)
Cin,wake = ,’WSZEP — W, (30)
C _ CmZAZ
m,mix — T['DZbZ (31)
4. VANELESS DIFFUSER

The governing equations for one dimensional flow
in vaneless passage, including wall friction loss, flow
diffusion and passage curvature flow diffusion losses,
that be presented[7]

1dp Cfsinag dC, CCpce dlp

pam~ ¢ i b p e (Y
d(rC,)
me W = —rCCycs (34)
1 2
hy=h+ EC (35)

And the analogy used for the vaneless annular
passage is

b b dC
= " Cdm (36)
Din = 0.4(b;/L)*** sin(a) 37)

Based on comparison, an empirical diffusion
efficiency model was formulated as follows

E=1;D

E=1;D<0 (38)

E=1—0.2(D/Dm)2 ;0<D <Dy (39)
E=08,D,/D ;D>D, (40)

Where the diffusion term is given by

dlp 1 dc

E__Z(pt_p)(l_E)p_CE 1)

The passage curvature loss is given by

I = ki (Pt = P)Cin/(13pC) )

The vaneless annular passage analysis consists of
integrating equations (32) through (35) along the
passage length, subject to the auxiliary relations
presented above. The equations are cast into finite
difference form and solved in a direct marching
technique from inlet to discharge.

5. VANED DIFFUSER

The loss parameter which has the greatest effect on
the compressor efficiency/discharge pressure is the
skin friction loss and it is a function of the boundary
layer approximation (;—i). The vaned diffuser skin
friction is also a function of the friction coefficient.
The vaned diffuser skin friction loss parameter and
boundary layer approximation are mathematically
described as [7]

Lp
oz u
_ ave
os = 4a(e) @
(*%/p,,)
26 5.142CLg
=———2<1 (44)

Dy Dy
5.1. Incidence Loss

The incidence loss in the vaned diffuser also plays
an important role in the pressure loss. The incidence
loss for the vaned diffuser has a boundary condition
which is dependent on the absolute stall velocity
described as [7]

_ Cm3
sin oz

C3s

(45)

The incidence loss parameter is mathematically
described as [7]

C3—C}

®jpe = 0.8 (%

3

2
);CSSC3S (46)
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_ 32 Chn , (Css=CH?] .
Ojne = 0.8 [((C_3s) - 1)(%“+ chs’ ;C3 > Cs (47) 0 =p,—fs (57)

The vaned diffuser incidence loss parameters are
functions of the velocity at the optimum incidence
angle ¢; that is mathematically described as [7]

Cin / . .
C; = sm(Bg)sm(aTh) (48)

5.2. Choke Loss

The loss due to choking for the vaned diffuser
requires the calculation of a contraction ratio (¢, ) and
a constraint condition X. Similar to the impeller the
constraint condition must be greater than zero,
otherwise the choke loss is zero. The choke loss and
constraint conditions are mathematically described as

(7]

®OcH — OS(OOSX + X7) (49)
B 10 C, Ay,

C = Aj sin 33
r At (51)

5.3. Deviation Angle

The actual exit flow angle of the vaned diffuser is
calculated using a correlation of the deviation angle
and incidence angle developed by Johnsen and
Bullock [10] and are mathematically described as [7]

0Oy =B4—6*—§(B3—0‘3) (52)
% = exp [1/} <(1.5 —%)2 - 33)] (53)
2 °
. ® [0.92 (%) +0.002(90" — ﬁ4)] (54)
Jv — 00020

2-(B-B,)/®
(o)) -

a/c

_ z(ry —13)
213 Sin(ﬁ) (56)

6. VOLUTE

The volute is the final component of the centrifugal
compressor. The non-dimensional loss parameter for
the vaned diffuser is converted into a total pressure
loss. The volute has four non-dimensional losses
described below

6.1. Meridional Velocity Loss

For volute there is very little possibility of ever
recovering the meridional velocity head. This velocity
became swirl components within the volute passage.
The loss considered this loss is [7]

2

C

O = (ﬂ) (58)
Cy

Tangential velocity loss

The tangential velocity loss has a volute Sizing

Parameter (SP) boundary condition applied to it and
it is mathematically given as[7]

_ _1r4c%,4 17
U= 5 [1 s2) (P2 D) (59)
— lr4C%4[ _i] )
U= 3z 1-5]:6P<1) (60)
r,Cys
SP=——
P rCq (61)

The skin friction loss is a function of the mean
stream line path length (L) through the volute, the
hydraulic diameter (Dy), and the friction coefficient
(c¢) that was previously described in the impeller
section. The skin friction coefficient is mathematically
described as [7]

Cs\* L
ADgp = 4Cf (C_4_> (D_H) (62)
L n(ry +rg) 63)

2

/4A
Dy = 75 (64)
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The exit cone loss is mathematically described as

(7]

Wgc =

Ce — Cg1?
g] 65)

Cy

6.2. Total Loss

Summarizing the losses of any part of compressor
will give the total loss in the component. For example
vane diffuser total loss is [7]

Wiotal = OcHTOSFTDinc (66)

For the impeller the relation is
Apy = fe(Per1 — Ps1) Z w; 67)
i
For the other components, the it can be expressed as
Apt our = (pt,in - ps,in) Z wi (68)
i

The input data for the program consists of the value
of independent geometry parameters, inlet total
pressure, inlet total temperature and design of speed
operation impeller. Since deviation angle and losses
coefficient are related to the velocity at the exit
procedure is solved iteratively starting from predicting
value for axial velocity at the exit of each component.
All of the components of the absolute and relative
velocities and flow angles are determined, and then
total loss coefficient, total and static pressure; total
and static temperature and density are calculated at
inlet and outlet of each component. With correction of
the absolute velocity with density, this procedure to be
continued until absolute velocity at the exit of each
component is converged [11]. The output of the
program is presented at the next section.

7. EXPERIMENTAL VALIDATION AND
DISCUSSIONS

The VGT is designed based on a turbocharger

Table 1. Operating Conditions for VGT compressor

Inlet Static Temperature(K) 283.844
Inlet Static pressure(pa) 96526.5980
Design Mass Flow Rate(kg/s) 5.1619

1 | Blower inlet

Back plate

Diffuser

4 | Blower discharge casing
anes (15 pieces)

6 | Blower Inlet Casing

Fig. 1. Complete extrusion of the VGT compressor

model ET18md2v and modify to create VGT. Testing
turbocharger used for heavy duty engine. Table 1
represents the operating conditions for the test cell.
The schematic of the tested compressor is shown in
figurel. Test cell is worked close loop. Table 2
presents the geometric parameters of the impeller and
vane diffuser.

The VGT was experimentally tested at different
vane angle positions and rotational speeds. The turbo
was first experimentally tested at a vane position
labeled “neutral” which is a vane angle of 66° from the
radial axis at two rotational speeds, 10,000 rpm and
13,000 rpm. Then, the same test was repeated for a
vane position labeled “10° counter clockwise (CCW)
which is a vane angle of 76° from the radial axis.
Three points are collected along each rotational speed
lines and the results are plotted in Figures 2 and 3
along with their corresponding calculated points for
comparison. All the collected data are corrected to the
standard conditions. The surge point for the
compressor was achieved (approximately) during the

Table 2. Geometric parameters of impeller and vaned

diffuser
Parameters Impeller Vaned diffuser
Inlet Area(m?) 0.0489 0.0411
Outlet Area(m?) 0.0313 0.0483
Inlet Root Mean Radius(m) 0.1088 0.2705
Outlet Root Mean Radius(m) 0.2286 0.3166
Inlet Root Mean Blade Angle(*) 44.99001 19.079
Outlet Root Mean Blade Angle(®) 26.2377 46.272
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Fig. 2. Performance map neutral vane position

test. This phenomenal was noticed when the
compressor starts to vibrate and the mass flow rate
fluctuates. In the model the surge is assumed to occur
at the highest pressure ratio or when the slope of the
speed line changes from positive to negative. Due to
the mass flow rate limitation in the test cell the exact
location of the stone wall was not able to achieve.
Figure 2 shows good agreement between the
numerical and experimental performance maps. As the
rotational speed is increased, the compressor’s
operating range decreases in both the experimental
and numerical data. At design point the method
predicted pressure ratio within 4.6% error, in addition
operating mass flow rate is over estimated within
5.15% error. The reason of the VGT compressor did
not fit the experimental data exactly by:

. The loss models presented are general models
and have difference accuracy relative to input
geometry, flow geometry and other parameters.

. The compressor geometry is very important to
25 4
24 e
g d\‘.
& 15 -
g
2
1
g Model at Meutral
——————— Model At 10ccw
0.5 -
------ Model At 10cw
Q
0 0.5 1 15 2 2.5

Mass Flow Rate/Mass Flow Rate Design

Fig. 4. Vane position comparison for constant rotational

speed of 13,000 rpm

i
[ =]

25 -
130001pm
2 -
*
o -\
=
£ 15 - . 4
@ *
bt
a . 10000 pm
2
o Modeling Data
0.5 -
+ Experimental Data
0
0 0.5 1 1.5
Mass Flow Rate/Mass Flow Rate Design

Fig. 3. Performance map — 10° CCW vane position

the analysis. The compressor geometry was
measured from the actual compressor using
hand tools (ruler, calipers, and protractor)
instead of computer aided drafting tools that can
be used to get the highest precision
measurements.

In Figure 3 the experimental data and modeling
data for the 10° counter clockwise (CCW) vane
position and different rotational speeds are compared.
As the vane position changes from neutral to 10°
CCW, the experimental and modeled speed lines shift
to decreased mass flow rates for the different
rotational speeds. Pressure ratio increases with 7.7%
in design point and mass flow rate decrease by about
1 kg/s for 13000 rpm rotational speeds.

Figures 4 and 5 show the numerical calculated
values for a constant rotational speeds of 13,000 and
10,000 rpm at three different diffuser vane angle
positions for comparison. They show that the pressure
ratio and operating range depends on vane position. As

[

5

Pressure Ratio
-

e [l0cle] at Neutral
------- Model at 10ccw

o
n

------- Model at 10cv

15

0.5 1
Mass Flow Rate/Mass Flow Rate Design

Fig. 5. Vane position comparison for constant rotational
speed of 10,000 rpm
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the diffuser vane angle is rotated 10 degree counter
clock wise the performance line shifted to the left with
higher pressure ratio and shorter mass flow rate in
comparison to the neutral case. However, almost
opposite to these results are observed for the clock
wise. That is the performance line moved to the right
with wider mass flow rate and lower pressure ratio.

8. CONCLUSIONS

This paper presents a mean line method to predict a
performance map of the major components of a
Variable Geometry Turbocharger. The impact of
diffuser vane positions on the performance is
investigated. Based on the numerical and experimental
work the following conclusions can be stated as:

. This model can be used to predict performance
map of VGT compressor.
. The compressor performance line moves to the

right with the vane rotates clock wise with
wider mass flow rate and lower pressure ratio
with respect to its original position.

. The compressor performance line moves to the
left with the vane rotates counter clock wise
with shorter mass flow rate and higher pressure
ratio with respect to its original position.

. Engaging this type of turbocharger to an engine
gives more flexibility to the engine to operate in
wider range of mass flow rate and pressure
ratio.
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NOMENCLATURE
A Area
Number of blades

a Velocity of sound
Flow angle — absolute
B  Fractional area blockage
Flow angle — relative
C  Absolute velocity
Deviation angle
c Blade chord
Flow coefficient
h  Enthalpy
Ratio of specific heats
I Work input coefficient
Streamline curvature
Iz Impeller blade work input coefficient
€ Distortion factor
L  Mean streamline meridional length
Gas viscosity
Lz Blade mean camber line length
density
M Mach number
solidity
Mass flow rate
Pressure loss coefficient
N  Rotational speed of turbocharger
Pressure
Gas constant for air

[N

= o
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Re; Reynolds number based on pipe diameter

Re, Reynolds number based on surface
roughness s Clearance gap width

T  Temperature parameter

t,  Blade thickness coordinate direction

U  Blade speed \Y Velocity

W Relative velocity

w  Passage width

Subscript

1 inlet

2 Discharge or outlet of system

id  ideal

T Relative

] Static

th  Throat

U  Tangential

rms Root mean square
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